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Abstract

One of the most challenging aspects of gas turbine cooling is the cooling of the first stages of turbine blades. Here the highest external heat load
is seen at the leading edge of the blade. The present study investigates the internal cooling in a triangular channel with a rounded edge as a model
of a leading edge cooling channel for a gas turbine blade. A transient liquid crystal method is used to measure the heat transfer. Experimental
results are reported for a number of new 3D rib configurations for Reynolds numbers between 50 000 and 200 000. From the experimental results
it has been found that 60 deg. ribs provide in general higher heat transfer enhancements than 45 deg. ribs. However, this results in extremely high
friction factors for the 60 deg. ribs. Taking the local and mean distributions of the heat transfer coefficients (as well as the increase in friction
factors) into consideration, it was found that the most promising rib arrangement for leading edge cooling is a 3D rib with 45 deg. angle and
double-sided fully overlapped ribs in the arc area. These ribs provide uniform heat transfer in the arc area as well as a high level of the heat
transfer coefficients in the channel. The resulting friction factors are in an acceptable range for these ribs.
© 2006 Elsevier Masson SAS. All rights reserved.
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1. Introduction

Modern gas turbine blades have to be heavily cooled be-
cause of the extremely high turbine inlet temperatures. Because
the allowable metal temperature is much lower than the out-
side hot gas temperature, the blade material temperature has
to be lowered by using internal cooling channels and external
film cooling. Especially the leading edge region of a turbine
blade is exposed to a very hot gas stream and high external heat
transfer coefficients. In order to increase the internal heat trans-
fer, turbulence promoters are normally used. Here ribs are very
common. These ribs are usually placed in a repeated manner
to disturb the boundary layer periodically leading to high tur-
bulence levels and good mixing in the coolant core flow. It has
been found that the flow achieves a periodic fully developed
state after about five ribs. Because of their importance, a large
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amount of work has been done in the past and is still continuing
to understand the effects of different rib turbulators on the pres-
sure drop and on the heat transfer in channels. The main body
of work deals with rectangular channels. This work was sum-
marized and reviewed by e.g. Han and Dutta [1], Taslim [2],
Ligrani et al. [3] and in a book by Han et al. [4]. Thereby also
the influence of rib spacing, rib angle and rib height has been
investigated. Angled ribs introduce swirling motion in the flow
and therefore increase mixing as well as local heat transfer. The
ribs can be continuous or broken or have a V-shaped form (e.g.
Han et al. [5], Han and Zhang [6]). With this, the number of
vortices introduced in the core flow can be varied. The resulting
secondary flow can be adopted using different rib arrangements
on e.g. opposite walls of the cooling channel.

Much less work is known for ribbed triangular channels.
Metzger et al. [7], Metzger and Vedula [8] and also Zhang et
al. [9] investigated the heat transfer enhancement in a ribbed
triangular duct. Haasenritter and Weigand [10] numerically pre-
dicted the heat transfer enhancement in a ribbed triangular duct
by using a k–ε turbulence model. Good agreement was found
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Nomenclature

A flow area . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m2

cp specific heat at constant pressure . . . . . J kg−1 K−1

D hydraulic diameter, = 4A/U . . . . . . . . . . . . . . . . m
e rib height . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
f friction factor
h heat transfer coefficient . . . . . . . . . . . . W m−2 K−1

H channel height . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
k thermal heat conductivity . . . . . . . . . . W m−1 K−1

n normal wall coordinate . . . . . . . . . . . . . . . . . . . . . . m
NuD Nusselt number, = hD/k

Nu0 reference Nusselt number, Eq. (6), = hD/k

p pressure . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . Pa
P rib pitch . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
Pr Prandtl number, = μcp/k

R specific gas constant . . . . . . . . . . . . . . . . J kg−1 K−1

ReD Reynolds number, = ūDρ/μ

St Stanton number, = NuD/(ReDPr)
t time . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . s

T temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . K
ū mean flow velocity . . . . . . . . . . . . . . . . . . . . . . m s−1

U wetted perimeter . . . . . . . . . . . . . . . . . . . . . . . . . . . m
Ur length of suction plus pressure side (ribbed

perimeter) . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
x axial coordinate . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
α thermal diffusivity, = k/(ρcp) . . . . . . . . . . . m2 s−1

γ, γ1 rib angle . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . ◦
ξ coordinate from the wall towards the material . m
μ dynamic viscosity . . . . . . . . . . . . . . . . . . . . . N s m−2

η heat transfer efficiency
ρ density . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg m−3

Subscripts

B bulk condition
0 initial condition, reference values
min minimum
w wall
between the experimental data of Metzger et al. [7] and their nu-
merical calculations. Taslim et al. [11] studied coolant channel
shapes relevant for the leading edge of an aero-engine blade for
Reynolds numbers up to 30 000. They used a triangular ribbed
channel with a rounded side and studied also the effect of ribs
on the base plate. However, they used only ribs with a constant
height.

Compared to the heat transfer requirements for aero-engine
blades, the cooling schemes of blades for large industrial gas
turbines differ in some aspects (see e.g. Weigand et al. [12]). An
important difference is that blades for heavy-duty gas turbines
are subjected to much higher Reynolds numbers in the internal
cooling passages mainly due to their much larger dimensions.
On the other side, the larger size of the internal cooling passages
gives much more freedom for designing the shape of cool-
ing and heat transfer enhancement features like ribs inside the
blades. Thereby the rib geometries can be adapted to the actual
cooling channel form, which is usually not square or rectangu-
lar. Typical examples are the cooling channels near the leading
and trailing edge of the blade or channels of aerodynamically
optimized blades for later stages (Hall et al. [13]). All these
internal cooling ducts might be approximated by triangular
channels. Within these channels three-dimensional shaped tur-
bulators can be manufactured for industrial gas turbine blades.
Therewith the local heat transfer can be influenced drastically.
The rib height is gradually decreased with decreasing channel
height. Hall et al. [13] used the criteria, that the local height of
the rib e divided by the local channel height H is constant. Ap-
plying this criterion, the local friction in the channel between
the core region and the apex area can be equalized. This pro-
motes the secondary flow to exchange air between the core area
and the apex area, leading to higher heat transfer coefficients in
the edges where the heat load from the hot gas side is highest.
3D shaped turbulators can also be used for effectively cooling
the leading edge of a gas turbine blade. Fig. 1 shows an exam-
ple for such an application (Beeck et al. [14]) from a patent.
The three-dimensional ribs are additionally angled with respect
to the main flow direction and can have different overlapping
arrangements in the corner area. Further, the rib spacing can
vary, to adopt the heat transfer enhancement to the local cooling
requirements. With this, local heat transfer distributions can be
tailored along the channel circumference to achieve small tem-
perature differences and hence small thermal stresses within the
blade. Very little work has been done up to now on the exper-
imental investigation of these new rib types. Amro et al. [15]
presented some first results on an experimental and numerical
study of the performance of these ribs. Thus, the aim of the
present paper is to investigate the local heat transfer enhance-
ment in a leading edge channel of a gas turbine blade by these
new 3D ribs. Especially, it is of high interest to explore the pos-
sibility to locally influence the heat transfer in the leading edge
by changing and optimizing the rib shape. To the best knowl-
edge of the authors of the present paper, such a detailed study on
3D rib performance in a leading edge channel is not yet avail-
able in literature.

2. Experimental setup and measurement methods

A sketch of the experimental setup is given in Fig. 2. The
working medium is air, which is supplied to the test section
through a vacuum pump. The air enters the settling chamber (2)
through a filter (1). The settling chamber reduces the unsteadi-
ness and swirl in the flow and has a length of about 12 hydraulic
diameters, D. It is equipped with a laminar flow element (3)
to measure the flow rate. It follows a heater (4), which is able
to heat up the free stream temperature in 20–30 milliseconds
to the desired value of 40–60 ◦C. The heater is similar to the
one described in Wang et al. [16]. An outlet section (6) with a
length of 20D is attached to the main test channel (5) to avoid
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Fig. 1. Three-dimensional turbulators for a leading edge cooling channel of an industrial gas turbine blade (from [14]).

Fig. 2. Sketch of the test facility.
disturbances from the vacuum pump. The test section consists
of a 20D long triangular duct with a hydraulic diameter D of
about 91 mm. It is built of transparent Perspex with a wall thick-
ness of 20 mm. The cross section of the test section is shown
in Fig. 3. For the determination of the friction factor and the
pressure loss eight pressure taps are placed along the circum-
ference in the inlet section as well as in the outlet section of the
duct. Furthermore, there are sixteen pressure taps placed along
the base plate of the channel for obtaining the pressure gradi-
ent along the test section. The pressure taps were connected by
nylon tubes to a Scanivalve DSA 3000 pressure measurement
system, which is capable of 128 simultaneous pressure mea-
surements with an accuracy of 0.1% of the measurement range.
A multi-channel module records the information of all pressure
taps simultaneously. The mass flow has been measured by using
a laminar flow element. For the heat transfer measurements a
transient liquid crystal technique has been applied. The channel
and the fluid have initially room temperature. At t = 0 the fluid
is exposed to a step change in the free stream temperature by
switching the heater on. The surface, where the distribution of
the heat transfer coefficient should be measured, is coated with
liquid crystals and shows a color change in time. In order to de-
termine the correct driving temperature difference between the
wall and the fluid, the centerline temperature in the cross sec-
tion of the channel is measured at several positions along the
Fig. 3. Cross-section of the duct.

channel. The heat transfer coefficients were measured between
two ribs at a distance of 15 to 16 hydraulic diameters from the
entrance of the test channel. At this position the flow is assumed
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Fig. 4. Camera set up for measuring the wall temperature.

to be fully developed (periodic). The surface temperature evolu-
tion is monitored by several CCD cameras. These cameras are
fixed around the channel and record the change of color with
time. This is shown in Fig. 4. The cameras are able to take 25
pictures per second. For the evaluation of the picture sequence a
digital image processing program was used. More information
on the image processing program can be found in Vogel [17].
From the measured surface temperature distribution the heat
transfer coefficients can be determined. The narrow band liq-
uid crystals used for the tests had a mean indication point at
30 ◦C and a bandwidth of 1 ◦C.

2.1. Investigated rib configurations

In order to improve the internal heat transfer, regular rib
structures are attached to the inner surface of the duct. They
cause a periodic boundary layer separation and re-attachment
of the flow, whereas the heat transfer is locally increased. In ad-
dition, secondary flow is introduced by the ribs, which causes
better mixing. For such rib structures it is well known that the
behavior of the flow with respect to the re-attachment areas
depends on the ratio between rib pitch P and height e of the
ribs. For lower ratios of P/e a closed recirculation area exists
between the ribs. If the ratio P/e becomes too large, the bound-
ary layer grows to large values in front of the next rib, which
means that further heat transfer enhancement might be ineffi-
cient there. That is why in practice often ratios of 7 < P/e < 15
are preferred [4].

The principal rib geometry has already been shown in Fig. 3.
The ribs, which have a locally varying height e in the channel,
are placed in a staggered arrangement. Fig. 5 shows the geomet-
rical details of the rib arrangement. The ribs are inclined under
an angle γ to the main flow direction. The rib height emin is

reached in the leading edge arc. The angle of the rib in the lead-
ing edge arc is given by γ1. From here, the rib height is linearly
increasing towards the base plate (see Fig. 3). The rib shape in
the leading edge part of the channel has been varied as well as
the rib angle γ . The different variations for the leading edge part
of the rib are depicted in Fig. 6. Here basically five cases can be
distinguished. Case 1 has no rib in the arc, cases 2 and 3 have
a short or a large orthogonal rib in the arc. Case 4 shows a rib,
with only one side in the arc, whereas case 5 presents a rib struc-
ture with diagonal ribs running around the arc. The rib height in
the arc is constant, whereas the rib height e in the channel itself
is linearly increasing from emin to 0.10 or 0.15 H near the base
of the channel (see also Figs. 3 and 5). The rib modifications in
the arc are important, because high heat transfer coefficients are
needed on the inner side of the leading edge. Furthermore, two
different dimensionless rib heights e/H = 0.10 and 0.15 and
two dimensionless pitches P/emin = 15 and 20 have been in-
vestigated. Table 1 summarizes all investigated configurations.
The different rib configurations have been selected in order to
locally improve the heat transfer in the leading edge region. In
particular, one aim of the present study was to show the possi-
bility of moving the point of maximum heat transfer coefficient
to different positions in the leading edge arc in order to adopt
the internal heat transfer coefficients to the external heat load.
In addition it was studied, if a rib is needed in the arc area, or
if the secondary motion driven by the 3D ribs might be enough
to keep high heat transfer coefficients in the arc area by flow
impingement.

2.2. Measurement of the pressure loss

The friction factor f for an incompressible flow can be de-
fined by:
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Fig. 5. Rib geometries.

f = −dp

dx

D

2ρū2
(1)

The pressure gradient has been determined at sixteen positions
along the base plate of the duct. A visual control before evaluat-
ing the friction factor f by a linear regression analysis ensured
the proper function of every single pressure tap. The obtained
friction factor f represents the mean friction in the duct.

2.3. Heat transfer measurements

Heat transfer measurements were performed by using the
transient liquid crystal method as described in various previous
studies [18,19]. After homogeneous flow and initial tempera-
ture conditions were established, a sudden change of the fluid
temperature was initiated and the time response of the wall
temperature was recorded. The behavior of the wall tempera-
ture due to this temperature change can be described for short
measurement times by solving the 1D conduction equation for
Fig. 6. Detailed rib geometries in the arc area of the leading edge channel.

Table 1
Tested rib geometries

Abbreviation Rib configuration

Ribs Leading edge arcs

γ P/emin e/H γ1 Comment

Case 1 – 45◦ 45◦ 15 0.10 – without
Case 2 – 45◦ 45◦ 15 0.10 90◦ double-sided half
Case 5 – 45◦ 45◦ 15 0.10 45◦ double-sided fully overlapped
Case 3 – 45◦ 45◦ 15 0.10 90◦ double-sided fully overlapped
Case 4 – 45◦ 45◦ 15 0.10 90◦ single-sided full
Case 3a – 45◦ 45◦ 20 0.10 90◦ double-sided fully overlapped
Case 3b – 45◦ 45◦ 20 0.15 90◦ double-sided fully overlapped
Case 1 – 60◦ 60◦ 15 0.10 – without
Case 5 – 60◦ 60◦ 15 0.10 60◦ double-sided fully overlapped
Case 3 – 60◦ 60◦ 15 0.10 90◦ double-sided fully overlapped

an unsteady temperature field with the assumption of a semi-
infinite wall.

ρcp

∂T

∂t
= ∂

∂ξ

(
k
∂T

∂ξ

)
(2)

with the initial and boundary conditions

t = 0: T = T0

ξ = 0: − k
∂T

∂ξ
= h(TW − TB)

ξ → ∞: T = T0 (3)

where T0 is the initial material temperature, TB is the bulk tem-
perature in the channel, TW is the wall temperature, h is the heat
transfer coefficient, and α and k are the thermal diffusivity and
conductivity of the wall material respectively. The coordinate ξ

is measured from the surface towards the material, as indicated
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Table 2
Uncertainties in measurement quantities

Quantity ρ ReD D t TB − T0 TW − T0

Uncertainty 0.8% 2% 0.8% 1.9% 0.7% 1.8%

in Fig. 3. The solution of Eqs. (2)–(3) results in the following
expression for the wall temperature distribution:

TW − T0

TB − T0
= 1 − exp

(
h2αt

k2

)
erfc

(
h
√

αt

k

)
(4)

This solution is valid only for a step change in fluid tempera-
ture. For different changes of the fluid temperature the temper-
ature history may be approximated according to the Duhamel
principle [20]. Using the time of the thermal liquid crystal
indication and a local time-resolved bulk temperature profile,
Eq. (4) may be solved for the heat transfer coefficient.

In deriving Eq. (4), curvature effects of the surface have been
ignored. It has proven by the method presented in [21] that these
effects are negligible for the present configuration, even in the
leading edge part of the channel.

2.4. Measurement uncertainty

Uncertainties related to the pressure and heat transfer mea-
surements were estimated and are shown in Table 2. Uncer-
tainty in the pressure measurements depended strongly on the
pressure sensor used and the Reynolds number in the channel.
This uncertainty ranged from 0.2% up to 20% for the lowest
pressure differences. However, the resulting uncertainty in the
slope of the pressure profile along the channel was much lower
due to the calculation of the regression of the slope used to
determine the pressure loss over the channel. The overall er-
rors in the friction factor were about 4%. Uncertainties in the
heat transfer measurements were based on temperature, time,
and material property uncertainties. Temperature uncertainties
were mainly bias errors as a result of the thermocouple calibra-
tion curve used and, thus, were not compounded in the use of
a temperature evolution in the evaluation of heat transfer coef-
ficients. Uncertainties in the material properties of the Perspex
walls were estimated at 5%, resulting in a total uncertainty in
the Nusselt number of about 7%.

3. Results

3.1. Smooth channel

As a reference, the smooth channel has been investigated.
Fig. 7 shows the distribution of the local Nusselt number, de-
fined by

NuD = − ∂T
∂n

|WD

TW − TB

= hD

k
(5)

around the circumference of the channel as a function of the
relative position s/Ur . Ur is the length of the wetted perime-
ter minus the length of the base plate (see Fig. 3), which is
the length of the ribbed circumference. In Eq. (5) (∂T /∂n)W
Fig. 7. Local Nusselt number distribution for the smooth channel.

Fig. 8. Averaged Nusselt number for the smooth channel as a function of the
Reynolds number.

denotes the temperature gradient at the wall in normal direc-
tion. The point s/Ur = 0 of the relative position indicates the
zero point of the coordinate system, as shown in Fig. 3. Posi-
tive values of the coordinate indicate positions on the suction
side, whereas negative values indicate positions on the pressure
side. From Fig. 7 it can be seen that the local Nusselt num-
ber in the rounded edge of the channel (leading edge) shows
a minimum because of the flow restriction in this area. This is
clear, because the flow is pushed outwards from the arc area,
which is a typical behavior for the flow in triangular ducts (see
e.g. Nikuradse [22]). The mean value of the Nusselt number for
the smooth channel can be predicted with good accuracy by the
Dittus–Boelter correlation [23], given by

Nu0 = 0.023Re0.8
D Pr0.4 (6)

This is shown in Fig. 8 for a range of Reynolds numbers from
50 000 to 200 000. For obtaining the Nusselt number, the evalu-
ation method of von Wolfersdorf et al. [24] has been used to
obtain the correct driving temperature difference (TW − TB)

from the measured wall temperatures and centerline tempera-
tures.

The friction factor in the smooth channel coincides by about
5% with the Blasius friction factor

f0 = 0.046Re−0.2
D (7)

Therefore, the following results for the ribbed channel will be
based on Eqs. (6)–(7) for the friction factor and for the Nusselt
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number. This has the advantage that the overall heat transfer
enhancement compared to a smooth channel can be visualized.
Furthermore it has to be mentioned that special focus was given
to the possibility to enhance the low heat transfer coefficients in
the leading edge part of the channel. Here different possibilities
will be explained afterwards.

3.2. Ribbed channel with different rib geometries

First of all individual rib characteristics regarding friction
loss and heat transfer will be discussed. Here a lot of different
geometric configurations are tested. The geometries are given
in Table 1 and are shown in Fig. 6. The basic configurations
(cases 1–5) have different rib configurations in the arc area of
the leading edge. Tests have been done for rib angles of 45◦
and 60◦. In order to investigate later the rib performance, the
pressure loss and the heat transfer need to be discussed first.

3.2.1. Pressure drop
Each rib structure, which is inserted into a duct, results in an

obstruction of the flow. In this case all investigated rib structures
cause a regular boundary layer separation and re-attachment.
This is reflected in an increased pressure drop and therefore an
increased friction factor f in the channel compared to a smooth
duct. Fig. 9 shows the experimental results for the friction factor
for the different rib configurations under investigation. Friction
factors can reach values, which are more than 25 times higher
than the value for a smooth channel. This shows that the ribs
strongly influence the flow field in the channel, leading to inten-
sified mixing and high turbulence in the flow. From Fig. 9 one
sees that the ribs for case 1 with 45 deg. inclined ribs (without
ribs in the arc area) have the lowest friction factor. However,
this friction factor is about 15 times lager than the one for the
smooth duct. Changing the rib angle for case 1 to 60 deg. leads
to a further substantial increase in friction factor by about 50%.
This is caused by the changed secondary flow structure for the
60 deg. ribs. If ribs are introduced into the arc area, the fric-
tion factor increases compared to case 1. The largest increase
can be observed by introducing double-sided diagonal arc ribs
(case 5), which run around the leading edge or double-sided or-

Fig. 9. Friction factor for different rib configurations as a function of the
Reynolds number.
thogonal ribs (case 3). However this increase in friction factor is
moderate (about 15%) as compared to case 1. This means that
a change of the rib type in the arc area leads only to relatively
moderate changes in the overall friction factor, compared to a
change in rib angle from 45 to 60 deg. This result is obvious,
because of the small percentage of the ribbed perimeter occu-
pied by the arc area. For case 3 also higher ribs (e/H = 0.15)
have been tested. It can be seen from Fig. 9 that the friction fac-
tor for case 3b increases by about 40% as compared to case 3a.
Changing finally the rib pitch from P/emin = 15 to 20 (case 3
and case 3a) has only a small effect on the friction factor, which
is visible in Fig. 9.

3.2.2. Heat transfer results
From the liquid crystal measurements, the full two-dimen-

sional distribution of the heat transfer coefficients is obtained
after evaluation. This information is very useful, in order to un-
derstand the different rib configurations. Such plots are shown
in Fig. 10. All plots have the same color range and thereby the
same scale for the heat transfer coefficients in order to facil-
itate comparison. It can be seen that strong differences in the
local structures of the heat transfer coefficients exist. This is
caused by the different secondary flow structures, which are
driven from the ribs near the leading edge arc. It is visible that
case 5 – 60◦ leads to high heat transfer coefficients in the arc
area, where the highest heat load from the outside will occur.
On the other hand, it can be seen that using only a single sided
orthogonal rib in the arc (case 4 – 45◦) results in relatively low
values of the heat transfer coefficient in this area. This is obvi-
ous, because the distance between the arc rib is now too large in
order to guarantee a good heat transfer enhancement. Further-
more this figure illustrates nicely how the local rib structures
in the arc area can be used in order to influence the position
of the maximum heat transfer coefficient. Comparing for exam-
ple case 5 – 45◦ with case 4 – 45◦, it is obvious that case 5
provides a more uniform distribution of the local heat trans-
fer coefficients in the arc area. In Fig. 11, the local values of the
Nusselt number are averaged from rib to rib (for a fixed position
of the local coordinates) and are plotted as a function of the lo-
cal coordinate around the circumference of the channel. These
area averaged values of the Nusselt number are useful in under-
standing the local heat transfer behavior. Fig. 11 shows clearly
that the rib configuration case 1 results in relatively low heat
transfer coefficients in the leading edge arc. This is obvious,
because this configuration has no arc ribs (see Fig. 6). Introduc-
ing double sided orthogonal half arc ribs results in a moderate
heat transfer enhancement in the leading edge arc (case 2). By
changing the rib structure in the arc region, the local heat trans-
fer can be enhanced even more. Case 5 shows that high values
of the Nusselt number can be achieved by using double-sided
diagonal arc ribs. However, this results in slightly decreasing
Nusselt numbers on the suction side. A good compromise is
case 3, which results in high Nusselt numbers in the arc area as
well as on the pressure and suction side. The results presented
here show clearly that the rib structure in the arc area can be
adapted to guarantee sufficient cooling.
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Fig. 10. Two-dimensional Nusselt number distributions for ReD = 100 000.
Fig. 11. Local distribution of the Nusselt number around the circumference of
the duct for ReD = 100 000.

Fig. 12 shows the heat transfer enhancement for all different
rib configurations as a function of the Reynolds number. For ob-
taining this plot, the Nusselt number has been averaged over the
whole area between two individual ribs. The averaged Nusselt
numbers are based on the Nusselt number for the smooth chan-
nel, Eq. (6), which is proportional to Re0.8

D . It can be seen that
the heat transfer enhancement decreases with increasing val-
ues of the Reynolds number. This is a well-known behavior for
ribbed channels (see for example [4]). As it can be seen from
Fig. 12, the highest heat transfer enhancement can be obtained
for case 5 – 60◦ ribs. The other 60 deg. ribs (case 1, case 3)
result in smaller heat transfer enhancements. Comparable to
case 5 – 60◦ is the heat transfer enhancement for 45 deg. ribs
by using increased rib heights (e/H = 0.15, case 3b). For this
case the decrease in heat transfer enhancement with increasing
Reynolds number is not as strong as for the 60 deg. ribs (case 5
Fig. 12. Averaged Nusselt number ratio as a function of the Reynolds number.

– 60◦). By taking into account that the friction factors for the
60 deg. ribs are very similar to case 3b, the high 45 deg. ribs are
a good solution if high heat transfer enhancement is needed for
larger values of the Reynolds numbers and if no restriction on
the overall pressure drop is given.

3.3. Rib performance

In order to compare the different rib configurations, the heat
transfer enhancement, as well as the increase in pressure drop,
needs to be considered. This can be done, by plotting the heat
transfer enhancement NuD/Nu0 as a function of the friction fac-
tor ratio f/f0. This is shown in Fig. 13. Each data point in this
chart denotes one specific Reynolds number. From Fig. 13 it can
clearly be seen that highest heat transfer enhancement ratios can
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Fig. 13. Nusselt number ratio as a function of the friction factor ratio.

be achieved with 60 deg. ribs (case 5), which also result in the
highest overall values of f/f0. From Fig. 13 one sees clearly
that using 60 deg. ribs or high 45 deg. ribs (case 3b – 45◦)
results in overall heat transfer enhancement ratios up to about
three. This is very large, if one considers the high Reynolds
numbers investigated in this study. However, for these cases, the
friction factor increases to values of about 20–28 times larger
than the one for a smooth channel. Therefore, these rib types
are only interesting for blade designs, where the pressure drop
is no limiting factor of the design. For normal blade designs,
cases 3 and 4 seem to be the superior rib configurations, be-
cause the overall heat transfer enhancements of about 2.5 can
be achieved with acceptable increase in friction factors. Com-
ing back to Fig. 10, it can be seen that case 4 provides relatively
low heat transfer coefficients in the arc area. Therefore, this rib
type is also not optimum for leading edge blade cooling. Thus
case 3 was found to the optimum rib structure from all investi-
gated rib configurations of the present study.

In order to evaluate the rib performance for the usage in
heat exchangers, it is common to compare the heat transfer en-
hancement at a constant pumping power [4]. This results in the
so-called thermal efficiency

η = St/St0
(f/f0)1/3

(8)

Because the ribbed and smooth channel are subjected to the
same Reynolds and Prandtl number, Eq. (8) reduces to

η = NuD/Nu0

(f/f0)1/3
(9)

Fig. 14 shows the thermal efficiency as a function of the
Reynolds number for all investigated rib designs. Here it can
be seen that η decreases with increasing values of the Reynolds
number. Furthermore, one can see clearly in this figure how the
different rib configurations perform. For example, it can be seen
that in general the 60 deg. ribs result in lower thermal efficiency
as the 45 deg. ribs, because the associated pressure loss is higher
for these kind of rib configurations. Once again, it can be seen
that rib configuration case 3 reaches highest values of η. This
supports the conclusions drawn from the previous figures and
shows clearly that this rib configuration is the optimum from
the present investigated rib designs.
Fig. 14. Mean values of the thermal performance as a function of the Reynolds
number.

4. Conclusions

The present investigation has been concerned with new rib
designs, which have a locally changing rib height in the chan-
nel. These ribs are very useful for duct geometries with re-
stricted flow areas. Based on the experimental results presented
in this paper, the following main conclusions might be drawn:

• The new rib configurations, with locally changing rib
heights, provide high heat transfer augmentations, even in
the arc of the leading edge. The overall heat transfer en-
hancements depend on the rib angle and also on the rib
structure in the arc area. It was found that 60 deg. ribs pro-
vide the highest overall heat transfer coefficients, but lead
also to extremely high friction factors.

• Examining the local distribution of the heat transfer coef-
ficients in the arc area shows that double-sided orthogonal
arc ribs (case 3) and double-sided diagonal arc ribs (case 5)
are superior, because they provide homogeneous and high
heat transfer coefficients in the arc area.

• Considering the local distribution of the heat transfer co-
efficients as well as the overall heat transfer enhancement
and the increase in friction factor, rib case 3 (double-sided
orthogonal arc ribs) with 45 deg. inclination are found to be
the optimum rib arrangement for the leading edge channel
of an industrial gas turbine blade.
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